ROYAL SOCIETY
OPEN SCIENCE

rsos.royalsocietypublishing.org

L)

Research

updates

Cite this article: Zhai L, Zhenjie Z,
Zhonghuang C, Jia G. 2018 Dynamic analysis of
liquid annular seals with herringbone grooves
on the rotor based on the perturbation
method. R. Soc. open sci. 5:180101.
http://dx.doi.org/10.1098/rs05.180101

Received: 22 January 2018
Accepted: 26 April 2018

Subject Category:
Engineering

Subject Areas:
power and energy systems/mechanical
engineering/fluid mechanics

Keywords:
liquid annular seal, herringbone grooves,
perturbation method, dynamic characteristics

Author for correspondence:
Lulu Zhai
e-mail: zhailulu@zstu.edu.cn

THE ROYAL SOCIETY

PUBLISHING

Dynamic analysis of liquid
annular seals with
herringbone grooves

on the rotor based on the
perturbation method

Lulu Zhai', Zhang Zhenjie!, Chi Zhonghuang' and
Guo Jia®

"The Province Key Laboratory of Fluid Transmission Technology, Zhejiang Sci-Tech

University, Hangzhou 310018, People’s Republic of China
27hejiang Institute of Mechanical & Electrical Engineering Co., Ltd, Hangzhou 310000,
People’s Republic of China

LZ, 0000-0002-7449-2963

Annular seals have significant effects on the hydraulic and
rotordynamic performances of turbomachinery. In this paper,
an analysis method for calculating the leakage flow rates
and dynamic characteristics of liquid annular seals with
herringbone grooves on the rotor is proposed and verified.
Leakage flow rates and dynamic characteristics of the model
seals under different operating conditions are theoretically
analysed and compared with those of plain and spiral-grooved
seals of the same size. In addition, the influence of geometric
parameters such as spiral angle and the lengths of the
constituent parts on the sealing and rotordynamic coefficients
of seals with herringbone grooves are also discussed. The
results show that seals with herringbone grooves have better
sealing performance, while providing better support actions
and damping characteristics than the other two seal types
under the same operating conditions. The seal geometric
parameters including spiral angle, the lengths of the constituent
parts and the clearance value have a significant influence on the
dynamic characteristics of seals with herringbone grooves.

1. Introduction

Annular liquid seals are primarily used to control leakage
in turbomachinery, especially in multi-stage centrifugal pumps
such as boiler feed pumps and other heavy-duty pumps. The
forces generated in these seal paths have significant effects on
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Table 1. Nomenclature.

the rotordynamic characteristics of multi-stage centrifugal pumps. A rotor-bearing—seal system can
improve the stability and rigidity of the whole shafting system [1]. An effective method of improving the
stabilizing effect of annular seals is engraving some grooves either on the rotor or on the inner surface of
the stator, such as straight labyrinth seals, stepped labyrinth seals, spiral-grooved seals and herringbone-
grooved seals. Similar to spiral-grooved seals, the inward pumping action of herringbone grooves will
minimize the leakage rate as well as generate load capacity and stiffness (table 1).

For decades, researchers and engineers have carried out many studies on the sealing and dynamic
property predictions of annular plain seals and seals with different kinds of grooves to facilitate superior
rotordynamic characteristics while providing good leakage control. Childs [2] performed a finite-length
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analysis for annular plain seals based on Hirs’ lubrication equations and the bulk-flow model proposed
by Black. This analysis method has been the most widely used in engineering. Nelson & Nguyen
[3,4] developed a new solution method that was different from Childs’s model that used fast Fourier
transforms (FFTs) to determine the effects of eccentricity on the rotordynamic coefficients of plain
annular seals. Kostyuk [5] performed the first comprehensive analysis of the aerodynamic forces of
gas labyrinth seals excluding the influence of area change due to eccentricity on cross-coupled forces.
Then, Iwatsubo et al. [6,7] refined Kostyuk’s model by introducing the time dependency of area change.
Childs & Scharrer [8] presented a unified and comprehensive derivation of the motion equations for
compressible flow within straight labyrinth seals taking account of the area change in the circumferential
direction due to eccentricity. The equations were solved by the perturbation method, and the predicted
rotordynamic coefficients were within 25% of the experimental results. Nordmann et al. [9] and Kim
& Childs [10] studied the leakage and dynamic characteristics of seals with circumferential and spiral
grooves by introducing equivalent roughness coefficients in both the circumferential and axial directions
based on Hirs’ turbulent lubrication theory. The theoretical predictions mentioned above were performed
based on the single control-volume method and perturbation analysis. Subsequently, Iwatsubo et al. [11-
13] theoretically analysed the static and dynamic characteristics of liquid annular seals with parallel
grooves, spiral grooves and double spiral grooves on a rotor using a detailed two-control-volume
description of the seal in the land and groove sections. Wyssmann et al. [14] and Scharrer & Childs
[15,16] supplemented the two-control-volume approach and applied it to gas labyrinth seals. The two-
control-volume method is widely used in engineering. Florjancic [17] and Marquette & Childs [18]
developed a three-control-volume approach for liquid circumferentially grooved seals, featuring an
excellent description of the flow inside the groove cavity. The predictions are excellent for leakage as
well as rotordynamic coefficients. Muszynska [19] and Muszynska & Bently [20] proposed a nonlinear
seal fluid dynamic force model that considered the circulating velocity as the key factor affecting the
stability of the rotor system. Fleming [21] applied the principle of herringbone-grooved journal bearings
to the case of a liquid seal disc with herringbone grooves running under a finger seal pad, and the
calculation results showed that significant stiffness and load capacity can be supplied by herringbone
grooves. Zhou et al. [22-24] proposed the dynamic analysis method for a double-disc rotor-seal system,
rotor-seal-bearing system and the pump-turbine-shafting system based on Muszynska’s nonlinear seal
dynamic analysis. Zhai et al. [25] developed a theoretical analysis method for the leakage rate and
dynamic characteristics of herringbone-grooved liquid seals based on the method of Iwatsubo and
Childs. The analysis method is validated through comparing the predicted leakage rates and hydraulic
forces within five test seals with the experimental results. Cangioli et al. [26] proposed a thermodynamic
analysis method by considering the energy equation in the steady-state calculation of the bulk-flow
model. The numerical results are validated by a teeth-on-stator labyrinth seal conducted on the test rig of
GE Oil and Gas.

Recently, with the development of computational fluid dynamics (CFD), the sealing and dynamic
characteristics of annular seals and a dry-gas seal with complex geometries have been investigated
using CFD-based methods. Bhattacharya [27], Nielsen [28], Gao & Kirk [29-31], Untaroiu et al. [32,33]
and Wu et al. [34,35] carried out further implementation and validation for the predictions of dynamic
forces and leakage rates of seals with different grooves with different length-diameter ratios. Chochua
& Soulas [36], Yan et al. [37] and Nielsen et al. [38] investigated the hole-pattern seal and convergent
honeycomb seal using the CFD-based instationary perturbation model and compared the results with
the results of experiments and the ISOTSEAL bulk-flow code. Wang et al. [39] numerically analysed
the turbulence effects [40] and micro-scale effects on the sealing performances of a spiral-grooved dry-
gas seal, respectively, using the direct numerical simulation (DNS) method, the Reynolds-averaged
Navier-Stokes simulation (RANS) method and a numerical solution of a corrected Reynolds equation.

The improved prediction capabilities come at much higher computational costs. Therefore, CFD-
based methods are mainly used only in the research field, while theoretical prediction procedures
based on the bulk-flow theory are still the main methods for calculating leakage rates and dynamic
characteristics in engineering.

An extensive theoretical prediction method and procedure for the sealing and dynamic performances
of liquid annular seals are still needed. Consequently, in this paper an analytical procedure to determine
the dynamic characteristics of liquid annular seals with herringbone grooves on a rotor is proposed
based on the perturbation method. Moreover, the effects of operating conditions, clearance and groove
patterns on the dynamic characteristics of the seals with herringbone grooves are investigated using
this method.
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Figure 1. Schematic and geometric parameters of a seal with herringbone grooves on the rotor.

2. Theoretical analysis
2.1. Modelling

Figure 1 shows the typical configuration of a seal with herringbone grooves on the rotor. As is shown, the
herringbone grooves consist of two sets of spiral grooves in two opposite directions. One set is located on
the high-pressure side, called the upstream spiral part, and the other is located on the low-pressure side,
called the downstream spiral part. There is a narrow middle plain part between the two spiral grooves
that functions as a storage area. Generally, the upstream grooves are designed to restrict leakage flow
in the operating direction of rotation. The spiral angles of the model seals employed in this paper are
less than 15° and the fluid velocity within the seals is assumed to be uniformly distributed along the
circumferential direction at the entrance to each part.

Although the geometric shape of the seal is similar to that of a journal bearing, there are many
differences between bearings and seals. The major difference is the value of the clearance to radius ratio
(i.e. the C/R ratio). For seals, the ratio is generally of the order of 0.03 or more, while it is 0.001 for
bearings. These enlarged clearances, combined with large pressure differences and low-viscosity liquids,
make the flow in the clearance paths highly turbulent. Hence, the Reynolds equations for annular seals
are completely different from those of bearings [41].

2.2. Steady-flow velocities and leakage rate of annular seals with herringbone grooves

Fluid flow within a seal with herringbone grooves is composed of three parts: flow within two spiral
parts and flow within the middle plain part. The leakage flow rates of each part depend on the pressure
gradient for a particular herringbone-grooved seal under certain operating conditions.

2.2.1. Steady-flow characteristics of spiral parts

The effective pressure differences across the spiral parts are the result of the operating pressure and the
pressure induced by the pumping action. For the upstream grooved part, the effective pressure difference
is less than the initial one. However, the situation is just the reverse for the downstream grooved part.
A n-r-¢ coordinate system is built, as shown in figure 2. The spiral part consists of two parts: the land
portion and the groove portion. The n-direction and the ¢{-direction are, respectively, set perpendicular
and parallel to the groove direction. Flow between the land part and the stator along the ¢-direction is
approximated as a flow between two parallel plates, and the flow in the groove is approximated as the
flow in a rectangular cross-sectional tube. The vortex in the 5-direction is supposed to diverge with angle
y and then go to the next land, as shown in figure 2c. Referring to the method proposed by Zhai et al.
[25], a pressure equilibrium within the groove portion and the land portion in the n-direction and the
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Figure 2. (). Three-dimensional model of the spiral part. (b) Expanded figure of a spiral-grooved rotor. (c) Cross-sectional view of the
spiral part.

¢-direction between the effective pressure difference and pressure losses induced by wall friction and
inlet and outlet pressure losses is applied to determine the leakage flow rates as well as the steady-flow
velocities Unl0o, Uel0, Upl0, Uz10, Ung0, Urg0, Uogo and Uzg0-

2.2.2. Steady-flow characteristics of middle plain parts

In principle, axial and circumferential steady-flow velocities of the plain part can be worked out in the
same way as those of the grooved part. Note that, although the pressure drop across the plain part
consists of three parts (i.e. the inlet, outlet and friction pressure losses), the friction loss term derived
from Hirs” equation is one order of magnitude greater than the inlet and outlet losses for a typical seal
used in centrifugal pumps. In that case, the friction loss would completely dominate the leakage flow
rate [41]. The leakage rate of the plain part excluding the effect of the inlet and outlet pressure losses can
be simplified as equation (2.1), where A, is calculated based on Hirs’ theory,

27R APy -G 2.1
RO v &y

Although the fluid flow within the seal with herringbone grooves is analysed as three individual
parts, the velocity distribution of each part has a great influence on the inlet flow conditions of the next
part. The leakage flow rate of the three parts should be the same because of mass conservation. Hence,
the inlet and outlet pressures of the middle plain part are assumed to be the boundary pressures Py,; and
Py;. These two boundary pressures can be obtained by solving the leakage equation of the three parts
using the traversing method,

Qups(Pinr Pp1) = Qp(PbZ/Pbl) = Qdowns (P2, Pout), (2.2)

where Pj, and Poy: are, respectively, the inlet and outlet pressures of the whole seal. Thus, static
characteristics, including the leakage flow rate and the steady-flow velocity distribution within each
of the three parts, will be determined with the given boundary pressures Pp; and Py;.

2.3. Dynamic forces and characteristics of annular seals with herringbone grooves

Perturbation in the eccentricity ratio ¢ is introduced to linearize the governing equations for each part.
The zeroth-order perturbation governing equations describe the steady-flow condition, and the first-
order perturbation equations describe the flow conditions due to seal motion. Dynamic forces and
coefficients including direct and cross-coupled stiffness, direct and cross-coupled damping and direct
added mass coefficients are derived from the pressure-field distribution, which is determined by the
first-order perturbation governing equations with boundary pressures given in §2.2.

2.3.1. Dynamic characteristics and forces of the spiral parts

Under the assumptions of ‘fine groove’ theory proposed by Iwatsubo [6], non-dimensional first-order
perturbation governing equations within the land portion of the spiral-grooved part including the
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where the non-dimensional first-order perturbation terms 71, fig;1, p,, are all functions of z and ¢, and
Az is determined by Hirs” turbulent lubrication equations [42]. A series of numerical solutions for i,
ilg;1 and p,, can be acquired by solving equation (2.3) using the target method and the Newton—-Raphson
method combined with the three boundary conditions stated in the following equations:
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Thus, the first-order pressure distribution within the land portion along the axial direction can be
obtained and expressed as

@ =(2) @ +ifis@] 27)

Similar to the analysis for the land portion, a series of non-dimensional first-order perturbation
equations of the groove portion can be obtained as follows:
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where perturbation terms g1, flgg1, Pq1 are all functions of z and ¢, and 2, and A are determined
by Hirs’ turbulent lubrication theory [41]. A series of numerical solutions for ilz¢1, ilgg1 and pg can
be acquired by solving equation (2.8) combined with three boundary conditions stated as equations
(2.9)-(2.11). Furthermore, the first-order pressure distribution within the groove portion along the axial
direction can be obtained as equation (2.12),

F_7g1 lz=1 =0, (2.9)

Ugg1lz=0 =0, (2.10)
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Thus, the flow-induced force components within the land portions and the groove portions acting on
the rotor due to shaft motion are represented as follows:
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2.3.2. Dynamic characteristics and forces of the plain part

The finite-length solution developed by Childs [2], which is widely used in industry, is applied for the
dynamic analysis of the plain part in this paper. The flow-induced components within the middle plain
part acting on the rotor due to shaft motion are defined by the following equations:

—&RLy(Pp1 — Pp2) Jl r”

Fx—plain(t) = 3 oo fBC(Z) cos ¢dzdg (2.15)
P

and

27
f35(2) sin pdzd¢. (2.16)
0JO

—&RLy(Py1 — Prp) (!
- R B

Ap
2.3.3. Dynamic characteristics and forces of the liquid annular seal with herringbone grooves

The dynamic forces and characteristics of the liquid seal with herringbone grooves are obtained by
integrating those of the upstream spiral part, middle plain part and the downstream spiral part together.
Hence, the dynamic forces within the seal can be stated as follows:

Fx—herringbone(t) = Fx—upspiral(t) + Fx—plain(t) + Fx—downspiral(t) (2.17)
and
Fy—herringbone(t) = Fy—upspiral(t) + Fy—plain(t) + Fy—downspiral(t)~ (2.18)

The definition of the flow-induced forces shown in equations (2.17) and (2.18) can be simplified by
performing the integration at a time when the rotating displacement vector is pointing along the X-axis.
At this time, Fy and F, are both functions of the whirling velocity §2 for the reason that f. and f; are
functions of £2. Moreover, force components Fy and Fy can also be expressed as follows:

— Fx_herringbone = &[Kj; + 120, 2 — My(1207 £2)°] (2.19)
and
— L'y—herringbone = e(ky + 1207 Cp,$2). (2.20)

Hence, the dynamic coefficients, including direct stiffness Kj, cross-coupled stiffness kj, direct
damping Cj, cross-coupled damping c;, and direct added mass Mj,, can be calculated by first evaluating
equations (2.17) and (2.18) for the frequency set (§2/w: 0, 0.5, 1.0, 1.5, 2.0) combined with equations

H
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Figure 3. The entire calculation chart.

(2.19) and (2.20), and then performing a least-squares calculation. Furthermore, the dynamic forces and
coefficients of the upstream grooved part depend on the inlet flow conditions of the seal and those of the
next two parts depend on the circumferential velocity distribution of their upstream part.

2.4. Solution procedure

Figure 3 shows the entire calculation flow chart. As is shown, steady-state velocities and leakage rates
of the two spiral-grooved parts and the middle plain part are determined first using the assumed
initial boundary pressures. Then, an axial leakage equilibrium among the three parts is employed as
the convergence criterion to determine the boundary pressures based on the zeroth-order perturbation
results. The dynamic forces of the whole seal are obtained by integrating those of the three parts together.
Furthermore, the rotordynamic characteristics of the seal including Kj, ky,, Cp, ¢, and Mj, could be
calculated by a least-squares method with five different frequency sets.

3. Results and discussion

3.1. Validation of the solution method

Experiments for three sets of seals with herringbone grooves on the rotor were conducted on a specially
designed test rig [25]. A forced whirling motion with a speed of £2 as shown in figure 4 was introduced in
the experiments. The measured hydraulic forces Fj, are post-processed using an FFT filter to exclude the
other forces such as the centrifugal force and gravity. Therefore, the validity of the presented approach
is demonstrated by comparing the measured resultant forces and the predicted ones, which can be
determined using equation (3.1). The three model seals have the same diameters, clearances, spiral
angles, and land and groove depths and widths, but different lengths of each part (i.e. upstream spiral
part, middle plain part and downstream spiral part), as listed in table 2. Table 3 illustrates the operating
conditions and the identical geometric parameters of the seals,

F,= 8\/(Kh + 82 — Mh.Qz)z + (—ky, + Ch.Q)z. 3.1

Figure 5 compares the predicted and measured resultant forces of the three model seals under a series
of rotational speeds. It illustrates that the changing trends of the predicted and experimental results are in
accord. The prediction results have a margin of error of 11.15%. In general, the predicted results correlate
well with the experimental evidence, which verifies the proposed calculation method and the analysis
below based on it.

10L0gL:§ 125 Uado 205 Bio'Buiysiiqndranosiefos'soss



resultant force

(K+cQ-MQP)e

rotor

202

Figure 4. Whirling and rotating motions of a tested rotor and the forces on it.

Table 2. Configurations of the model seals.

length of the
length of the upstream length of the middle downstream spiral
spiral part (mm) plain part (mm) part (mm) total length (mm)

spiral angle (° 5

3.2. Effects of operating conditions on the leakage flow rate and dynamic characteristics

The effects of rotational speed and pressure difference on the leakage flow rates and dynamic
characteristics of four sets of herringbone-grooved seals with different spiral angles were investigated
using the proposed analysis method and compared with those of four spiral-grooved sets and one plain
annular seal. The lengths of the nine calculation models were all 30 mm. As for the seals with herringbone
grooves, the length of each part (i.e. upstream spiral part, middle plain part and downstream spiral part)
was 10mm. The other geometric parameters of the nine model seals used in this analysis, including
journal diameter and dimensions of the grooves, are the same as those listed in table 3.

Figure 6 shows the changes in the leakage flow rate with the pressure difference acting on the three
kinds of seals at a rotational speed of 1000r min~!. The leakage rates significantly increased with the
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Figure 5. Comparisons between predicted and measured resultant forces.
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Figure 6. Leakage rate change with pressure difference.

pressure difference for all the seals. The leakage of most tested spiral-grooved and herringbone-grooved
seals is much less than that of the plain seals under the same operating conditions. The herringbone-
grooved seal model with the smallest spiral angle had the best sealing performance, while the spiral-
grooved model with the largest angle had the worst. Compared with spiral grooves, herringbone grooves
of the same spiral angle had a better sealing performance, especially those with small spiral angles.

Table 4 compares the leakage flow rates of the three types of seals at different running speeds
ranging from 500 to 3500 rmin~! under a pressure of 1.0MPa. It is observed that the leakage rate
declines minimally with increasing speed almost for all the three seal types, and the leakage rate of
the plain seal seems relatively more sensitive to the rotational speed than those of the other two kinds.
Similar to the situation described in figure 6, leakage rates of both the herringbone-grooved and spiral-
grooved seals show an upward trend with the increase in spiral angle. Additionally, it can be seen
that the spiral angle has a greater impact on the leakage of the spiral-grooved seal than on that of the
herringbone-grooved seal.

According to the calculation results shown in figure 6 and table 4, the sealing performance of seals
with herringbone grooves on the rotor is significantly better than that of spiral-grooved seals and plain
seals, which will have a positive effect on the improvement of the single-stage head for centrifugal
pumps. The leakage rate of seals with herringbone grooves depends more on the pressure difference
but not so much on the rotational speed.
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Figure 7. (a) Direct stiffness changes with pressure difference. (b) Cross-coupled stiffness changes with pressure difference. (c) Direct
damping changes with pressure difference. (d) Cross-coupled damping changes with pressure difference.

Table 4. Leakage rate of the three types of seals at different rotating speeds.

rotating speed leakage > 10~ (m’ s ™)
(rmin™") seals with herringbone grooves spiral-grooved seals plain seal

Figure 7 demonstrates the effects of pressure difference on the rotordynamic coefficients of the seals
described in §3.2. No comparison is made for the direct mass coefficient, because this term has little
effect on the mass matrix of the whole shafting system. It is observed that the dynamic characteristics of
seals with herringbone grooves depend more on the characteristics of the spiral-grooved parts due to the
configurations. Nevertheless, this kind of seal combines the advantages of plain seals and spiral-grooved
seals. The direct stiffness of herringbone-grooved seals is larger than that of spiral-grooved seals under
the same operating conditions. A much smaller cross-coupled stiffness is achieved than with plain seals,
which is good for the stability of the whole shafting system.

As for the dynamic characteristics of seals with herringbone grooves, it is indicated that direct
damping and cross-coupled damping increase with the pressure difference acting on the seal. Similarly,
direct stiffness and cross-coupled stiffness show a linear growth. Except for cross-coupled damping
coefficients, the other coefficients of the seals with a smaller spiral angle are smaller than those with a
bigger angle under the same operating conditions. Cross-coupled damping of the herringbone-grooved
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Figure 8. (a) Direct stiffness changes with clearance. (b) Cross-coupled stiffness changes with clearance. (c) Direct damping changes
with clearance. (d) Cross-coupled damping changes with clearance.

seal with a spiral angle of 9° shows a relatively smooth change compared with the other types and reaches
a plateau at around 0.9 MPa.

3.3. Effects of seal configurations on the dynamic characteristics

Figure 8 presents the effects of the clearance value on rotordynamic coefficients. Direct stiffness, cross-
coupled stiffness and direct damping decrease exponentially as the clearance increases, which is in
accordance with the situation of plain annular seals. Cross-coupled damping plummets first and reaches
the lowest point when the clearance is between 4 and 6 mm. Then, the cross-coupled damping coefficients
increase gradually with the clearance value.

Figure 9 illustrates the coefficient changes versus the lengths of the upstream spiral part, the middle
plain part and the downstream spiral part, i.e. L1, Ly, L3, respectively. A univariable analysis method
is performed, which means that, when one of the three lengths is chosen as the variable, the other two
stay equal to 10 mm. As is shown below, L, is the key factor affecting rotordynamic coefficients. Direct
stiffness decreases first with the increase of L, and then increases, reaching a minimum at 8 mm. Cross-
coupled stiffness and direct damping grow exponentially with L. Cross-coupled damping of the seal
with a spiral angle of 9° remains relatively stable with increasing L, while those of the other kinds show
an exponential growth, like cross-coupled stiffness and direct damping. Note that the changing rates for
all the coefficients with L, show an upward trend with an increase in the spiral angle. In most cases, the
changes of direct stiffness, cross-coupled stiffness and direct damping with L; are almost the same as
those with L3. These coefficients decline linearly with the increase of L and L3. Meanwhile, the spiral
angle has no effect on the declining rate of these coefficients, which is quite different from the situation
of Ly. It is shown in figure 6d that L3 has little effect on the cross-coupled damping coefficients. By
contrast, cross-coupled damping changes with L; are different for seals of different kinds. The damping
coefficients of the seals with spiral angles of 3.27° and 5.72° decline substantially with L;, whereas those
of the other two kinds change less.
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Figure 9. (a) Direct stiffness changes with the length of each part. (b) Cross-coupled stiffness changes with the length of each part.
(c) Direct damping changes with the length of each part. (d) Cross-coupled damping changes with the length of each part.

4. Conclusion

A theoretical analysis method for calculating the dynamic characteristics of annular seals with
herringbone grooves on the rotor is proposed and verified by comparisons with experimental results.
With the proposed analysis method, the characteristics of this kind of seal under different operating
conditions are predicted and compared with those of plain and spiral-grooved seals. The prediction
results show that herringbone-grooved seals yield the lowest leakage flow among the three seal types.
In addition, this kind of seal combines the advantage of plain seals (i.e. large direct stiffness) and the
advantage of spiral-grooved seals (i.e. small cross-coupled stiffness) together, which will contribute to
improving the rigidity and stability of the shafting system. Therefore, seals with herringbone grooves
are attractive from the viewpoint of their superior static and dynamic characteristics.

Additionally, the influence of the seal geometric parameters, including the spiral angle, clearance
value and lengths of the constituent parts, on the dynamic characteristics of herringbone-grooved seals
is theoretically investigated. It is observed that most of the rotordynamic coefficients of this seal type
with a bigger spiral angle are larger than those with smaller angles as a result of the increased leakage
rate. As the lengths of the three parts, and especially the length of the middle plain part, significantly
affect the dynamic characteristics, it is possible to optimize the constitutions and detailed parameters of
herringbone-grooved seals for better sealing and rotordynamic performance.

Data accessibility. Data are available from the Dryad Digital Repository (https://doi.org/10.5061/dryad.c2k7d;j5) [43].
Authors’ contributions. Z.L. carried out the formulation derivations, experimental work, data analysis and drafted the
manuscript. Z.Z. participated in partial data analysis and drafted the manuscript. C.Z. participated in the design
of the study and experimental work. G.J. conceived of, designed and coordinated the study, and helped draft the
manuscript. All the authors gave their final approval for publication.

Competing interests. We declare we have no competing interests.

Funding. This work was supported by the Joint Project from the National Natural Science Foundation of China and
Liaoning Province (grant no. U1608258), the Zhejiang Provincial Natural Science Foundation of China under grant
no. LZ15E090002, the Zhejiang Province Public Welfare Technology Research Project (grant no. 2017C31045) and the
Science Foundation of Zhejiang Sci-Tech University (ZSTU) under grant no. 15022083-Y.

10L08L:S s Uado 205y BuoBuiysiiqndAzaposieforsos:


https://doi.org/10.5061/dryad.c2k7dj5

References

Wu YL, Li SC, Liu SH, Dou HS, Qian Z. 2013 Vibration
of hydraulic machinery, pp.12-13. London, UK:
Spirnger.

Childs DW. 1983 Finite-length solutions for
rotordynamic coefficients of turbulent annular
seals. J. Tribol. 105, 437-445. (d0i:10.1115/1.325
4636)

Nelson CC, Nguyen DT. 1988 Analysis of eccentric
annular incompressible seals: part T—a new
solution using fast Fourier transforms for
determining hydrodynamic force. J. Tribol. 110,
354-359. (d0i10.1115/1.3261631)

Nelson CC, Nguyen DT. 1987 Analysis of eccentric
annular incompressible seals: part 2—effects of
eccentricity on rotordynamic coefficients. J. Tribol.
110,168-170. (doi: 10.1115/1.3261634)

Kostyuk AG. 1972 Theoretical analysis of
aerodynamic forces in labyrinth glands of
turbomachines. Thermal Eng. 19, 39—44.

Iwatsubo T. 1980 Evaluation of instability forces of
labyrinth seals in turbines or compressors. In Proc.
of Rotordynamic Instability Problems in High
Performance Turbomachinery, NASA (P-2133, Texas
A&M University, USA, 1980, pp. 139-167. Kobe,
Japan: Kobe University, Engineering Department.
Iwatsubo T, Matooka N, Kawai R. 1982 Flow induced
force of labyrinth seal. In Rotordynamic instability
problems in high-performance
turbomachinery—1982, Texas A&M University,

pp. 205-222. NASA-CP-2250. Cleveland, OH: NASA.
Childs DW, Scharrer JK. 1986 An Iwatsubo-based
solution for labyrinth seals: comparison to
experimental results. J. Eng. Gas Turbines Power
108, 325-331. (doi:10.1115/1.3239907)

Nordmann R et al. 1986 Rotordynamic coefficients
and leakage flow of parallel grooved seals and
smooth seals. In Rotordynamic instability problems
in high-performance turbomachinery—1986, NASA
Lewis Research Center, pp. 129-153. Cleveland, OH:
NASA.

. Kim CH, Childs DW. 1987 Analysis for rotordynamic

coefficients of spiral-grooved turbulent annular
seals. J. Tribol. 109, 136-143. (d0i:10.1115/1.326
1305)

. Iwatsubo T, Yang B, Ibaraki R. 1986 Static and

dynamic characteristics of parallel-grooved seals. In
Rotordynamic instability problems in
high-performance turbomachinery—1986, Texas
A&M University, pp. 99-127. NASA-CP-2443.
Cleveland, OH: NASA.

. Iwatsubo T, Yang B, Ibaraki R. 1986 Theoretical

approach to obtaining dynamic characteristics of
noncontacting spiral-grooved seals. In
Rotordynamic instability problems in
high-performance turbomachinery—1986, Texas
A&M University, pp. 155—-188. NASA-CP-2443.
Cleveland, OH: NASA.

. Iwatsubo H, Nishino T, Ishimaru H.1996 A study on

dynamic characteristics of double spiral grooved
seals. In Rotordynamic instability problems in
high-performance turbomachinery—1996, Texas
A&M University, pp. 113-134. NASA-CP-3344.
Cleveland, OH: NASA.

. Wyssmann HR, Pham TC, Jenny RJ. 1984 Prediction

of stiffness and damping coefficients for centrifugal

20.

2.

2.

3.

24,

25.

26.

27.

2.

compressor labyrinth. ASME J. Eng. Gas Turbines
Power 106, 920-926. (doi:10.1115/1.3239659)

. Scharrer JK. 1988 Theory versus experiment for the

rotordynamic coefficients of labyrinth gas seals:
part |—a two control volume model. J. Vib. Acoust.
110, 270-280. (doi:10.1115/1.3269513)

. Childs DW, Scharrer JK. 1988 Theory versus

experiment for the rotordynamic coefficient of
labyrinth gas seals: part l—a comparison to
experiment. J. Vib. Acoust. 110, 281-287.
(doi:10.1115/1.3269514)

. Florjancic S.1990 Annular seals of high energy

centrifugal pumps: a new theory and full scale
measurement of rotordynamic coefficients and
hydraulic friction factors. PhD thesis, Swiss Federal
Institute of Technology, Zurich, Switzerland.

. Marquette OR, Childs DW. 1996 An extended

three-control-volume theory for circumferentially-
grooved liquid seals. J. Tribol. 118, 276-285.
(doi:10.1115/1.2831296)

. Muszynska A. 1988 Improvements in lightly loaded

rotor/bearing and rotor/seal models. J. Vib. Acoust.
Stress Reliab. Design 110, 129-136. (doi:10.1115/
1.3269489)

Muszynska A, Bently DE. 1990 Frequency-swept
rotating input perturbation techniques and
identification of the fluid force models in
rotor/bearing/seal systems and fluid handling
machines. J. Sound Vib. 143, 103—124.
(doi:10.1016/0022-460X(90)90571-G)

Fleming DP. 2006 Gas seal pad with
herringbone-grooved rotor—stiffness and load
capacity. NASA Technical Memorandum 214133,
Honolulu, USA.

Zhou W, Wei X, Wei X, Wang L-q. 2014 Numerical
analysis of a nonlinear double disc rotor-seal
system. J. Zhejiang Univ. Sci. A 15, 39-52.
(doi:10.1631/jzus.A1300230)

Zhou W, Wei X, Zhai L, Wei X, Wang L. 2014
Nonlinear characteristics and stability optimization
of rotor-seal-bearing system. J. Vibroeng. 16,
818-831.

Jie ZW. 2015 Numerical research on dynamic lateral
vibration of a pump turbine’s shaft system. J. Eng.
Res. 3,128-149.

Zhai L, Wu G, Wei X, Qin D, Wang LQ. 2015
Theoretical and experimental analysis for leakage
rate and dynamic characteristics of
herringbone-grooved liquid seals. Proc. Inst. Mech.
Eng. JJ. Eng. Tribol. 29, 849—-860. (doi:10.1177/
1350650115571645)

Cangioli F, Pennacchi P, Vannini G, Ciuchicchi L,
Vania A, Chatterton S. 2018 On the thermodynamic
process in the bulk-flow model for the estimation of
the dynamic coefficients of labyrinth seals. J. Eng.
Gas Turbines Power 140, 032502. (doi:10.1115/
1.4037919)

Bhattacharya A. 1997 CFD based rotordynamics
coefficients for labyrinth seals and impeller shroud
leakage paths. Master’s thesis, Texas A&M
University, College Station, TX, USA.

Nielsen KK. 2001 Application of CFD for calculating
rotordynamic forces from leakage flows in
turbomachinery. PhD thesis, Aalborg University,
Aalborg, Denmark.

29.

30.

31

32

3.

34.

35.

36.

31.

38.

39.

40.

4.

4.

4.

Gao R, Kirk G. 2013 CFD study on stepped and drum
balance labyrinth seal. Tribol. Trans. 56, 663—671.
(doi:10.1080/10402004.2013.776159)

Kirk G, Gao R. 2012 Influence of preswirl on
rotordynamic characteristics of labyrinth seals.
Tribol. Trans. 55, 357-364. (doi:10.1080/10402004.
2012.656880)

Gao R. 2012 Computational fluid dynamic and
rotordynamic study on the labyrinth seal. PhD
thesis, Virginia Polytechnic Institute and State
University, Blacksburg, VA, USA.

Untaroiu A, Untaroiu (D, Wood HG, Allaire PE. 2013
Numerical modeling of fluid-induced rotordynamic
forces in seals with large aspect ratios. J. Eng. Gas
Turbines Power 135, 012501. (doi:10.1115/1.
4007341)

Untaroiu A, Hayrapetian V, Untaroiu (D, Wood HG,
Schiavello B, McGuire J. 2013 On the dynamic
properties of pump liquid seals. J. Fluids Eng. 135,
051104. (doi:10.1115/1.4023653)

Wu DZ, Jiang XK, Li SY, Wang LQ. 2016 A new
transient CFD method for determining the dynamic
coefficients of liquid annular seals. J. Mech. Sci.
Technol. 30, 1-10. (doi:10.1007/512206-016-0707-3)
Wu D, Jiang X, Chu N, Wu P, Wang LQ. 2017
Numerical simulation on rotordynamic
characteristics of annular seal under uniform and
non-uniform flows. J. Central South University 24,
1889-1897.

Chochua G, Soulas TA. 2007 Numerical modeling of
rotordynamic coefficients for deliberately
roughened stator gas annular seals. J. Tribol. 129,
424-429. (doi:10.1115/1.2647531)

Yan X, Li J, Feng Z. 2011 Investigations on the
rotordynamic characteristics of a hole-pattern seal
using transient CFD and periodic circular orbit
model. J. Vib. Acoust. 133, 041007. (doi:10.1115/1.
4003403)

Nielsen KK, Janck K, Underbakke H. 2012
Hole-pattern and honeycomb seal rotordynamic
forces: validation of CFD-based prediction
techniques. J. Eng. Gas Turbines Power 134,122505.
(doi:10.1115/1.4007344)

Wang B, Zhang H, Cao H. 2013 Flow dynamics of a
spiral-groove dry-gas seal. Chinese J. Mech. Eng. 26,
78-84. (doi:10.3901/CJME.2013.01.078)

Wang B, Zhang H. 2011 Numerical analysis of a
spiral-groove dry-gas seal considering micro-scale

effects. Chinese J. Mech. Eng.-English Edition 24, 146.

(doi:10.3901/CJME.2011.01.146)

Childs DW. 1993 Turbomachinery rotordynamics:
phenomena, modeling, and analysis, pp. 227-231.
New York, NY: John Wiley & Sons.

Hirs GG. 1974 A systematic study of turbulent film
flow. J. Lubr. Technol. 96, 118-126. (doi:10.1115/
1.3451881)

Zhai L, Zhenjie Z, Zhonghuang C, Jia G. 2018 Data
from: Dynamic analysis of liquid annular seals with
herringbone grooves on the rotor based on the
perturbation method. Dryad Digital Repository.
(doi:10.5061/dryad.c2k7dj5)

10L0gL:§ s uado 205 % BioBuiysiiqndAranosjeossos:


http://dx.doi.org/10.1115/1.3254636
http://dx.doi.org/10.1115/1.3254636
http://dx.doi.org/10.1115/1.3261631
http://dx.doi.org/10.1115/1.3261634
http://dx.doi.org/10.1115/1.3239907
http://dx.doi.org/10.1115/1.3261305
http://dx.doi.org/10.1115/1.3261305
http://dx.doi.org/10.1115/1.3239659
http://dx.doi.org/10.1115/1.3269513
http://dx.doi.org/10.1115/1.3269514
http://dx.doi.org/10.1115/1.2831296
http://dx.doi.org/10.1115/1.3269489
http://dx.doi.org/10.1115/1.3269489
http://dx.doi.org/10.1016/0022-460X(90)90571-G
http://dx.doi.org/10.1631/jzus.A1300230
http://dx.doi.org/10.1177/1350650115571645
http://dx.doi.org/10.1177/1350650115571645
http://dx.doi.org/10.1115/1.4037919
http://dx.doi.org/10.1115/1.4037919
http://dx.doi.org/10.1080/10402004.2013.776159
http://dx.doi.org/10.1080/10402004.2012.656880
http://dx.doi.org/10.1080/10402004.2012.656880
http://dx.doi.org/10.1115/1.4007341
http://dx.doi.org/10.1115/1.4007341
http://dx.doi.org/10.1115/1.4023653
http://dx.doi.org/10.1007/s12206-016-0707-3
http://dx.doi.org/10.1115/1.2647531
http://dx.doi.org/10.1115/1.4003403
http://dx.doi.org/10.1115/1.4003403
http://dx.doi.org/10.1115/1.4007344
http://dx.doi.org/10.3901/CJME.2013.01.078
http://dx.doi.org/10.3901/CJME.2011.01.146
http://dx.doi.org/10.1115/1.3451881
http://dx.doi.org/10.1115/1.3451881
http://dx.doi.org/10.5061/dryad.c2k7dj5

	Introduction
	Theoretical analysis
	Modelling
	Steady-flow velocities and leakage rate of annular seals with herringbone grooves
	Dynamic forces and characteristics of annular seals with herringbone grooves
	Solution procedure

	Results and discussion
	Validation of the solution method
	Effects of operating conditions on the leakage flow rate and dynamic characteristics
	Effects of seal configurations on the dynamic characteristics

	Conclusion
	References

